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Abstract-The combined effects of the rib angle-of-attack and the channel aspect ratio on the distributions 
of the local heat transfer coefficient for developing flow in short rectangular channels (L/D = 10 and 15) 
with a pair of opposite rib-roughened walls were determined for Reynolds numbers from 10 000 to 60 000. 
The rib angle-of-attack was varied from 90” to 60”, to 45”, and to 30”, whereas the corresponding channel 
width-to-height ratio was varied from 1 to 2 and to 4, respectively. Semi-empirical heat transfer and friction 
correlations were obtained to account for rib angle, rib spacing, channel aspect ratio, rib height and 

Reynolds number. The results can be used in the design of turbine blade cooling channels. 

INTRODUCTION 

HEAT TRANSFER enhancement in fully developed tur- 
bulent flows in annuli, in circular tubes, and between 
parallel plates with periodic rib rougheners has been 
reported [l-6]. The effects of the rib height, the rib 
pitch, and the rib angle-of-attack on the fully 
developed average heat transfer coefficient and the 
fully developed average friction factor over a wide 
range of Reynolds numbers are well established. 
Based on the heat transfer and friction similarity laws, 
semi-empirical correlations have been developed for 
heat transfer designers. 

In some applications, such as gas turbine airfoil 
cooling design, periodic rib rougheners are cast onto 
two opposite walls of internal cooling passages to 
enhance the heat transfer to the cooling air. The sketch 
of an internally cooled turbine airfoil is shown in Fig. 
l(a). The internal-cooling passages can be approxi- 
mately modeled as rectangular channels with a pair 
ofopposite rib-roughened walls, as shown in Fig. 1 (b). 
Heat transfer and friction characteristics in this kind 
of rib-roughened channels should be different from 
those of annuli, parallel-plate channels, or circular 
tubes. Han et al. [7, 81 investigated systematically the 
effects of the rib configurations on the average heat 
transfer and friction in the fully developed region in 
a uniformly heated, straight, square channel with two 
opposite rib-roughened walls. The results show that 
the highest heat transfer coefficient, accompanied by 
the highest friction factor, occurred at rib angles-of- 
attack between 60” and 75”, whereas the best heat 
transfer performance for a constant pumping power 
occurred at rib angles-of-attack between 30” and 45”. 
These results are primarily obtained for the fully 
developed turbulent flow in a long square duct with 
two opposite ribbed walls. The configurations of the 

internal cooling passages of turbine airfoils are nearly 
rectangular, however, and are relatively short (typ- 
ically, L/D = l&15). It is of interest whether the 
results of the highest heat transfer coefficient (at 
c( = 60” and 75”) and the best heat transfer per- 
formance (at c( = 30” and 45”) obtained in a long 
square duct with fully developed flow hold good in the 
cases of short rectangular channels with two opposite 
ribbed walls and yet developing flow. Furthermore, 
from the turbine cooling design point of view, it is 

very important to know the detailed distributions of 
the local heat transfer coefficient for developing flow 
in short rectangular channels with rib turbulators. 
Therefore, a systematic investigation to determine the 
effect of the rib angle-of-attack on the local heat trans- 
fer distributions in short rectangular channels of 
different channel aspect ratios should be performed. 

The objective of the present study was to investigate 
the combined effects of the rib angle-of-attack and 
the channel aspect ratio on the local heat transfer 
distributions in rectangular channels with two 
opposite rib-roughened walls for Reynolds numbers 
from 10 000 to 60 000. The channel length-to- 
hydraulic diameter ratio (L/D) was varied from 10 to 
15. The channel aspect ratio (W/H) was varied from 
1 to 2 and to 4. In each channel, the rib turbulators 
were placed on the top and bottom walls of the test 
channel (on the channel width, side W) so that the rib 
turbulators on opposite walls were all parallel with an 
angle-of-attack of 90”, 60”, 45”, or 30”. The rib height- 
to-hydraulic diameter ratio (e/D) was varied from 
0.047 to 0.078, and the rib pitch-to-height ratio (P/e) 
was varied from 10 to 20. The local heat transfer 
distributions on both the smooth side (H) and the rib- 
roughened side ( W) walls from the channel entrance 
to the downstream region were measured. The local 
heat transfer data after X/D > 3 were averaged and 
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NOMENCLATURE 

a plenum height NU, smooth side wall centerline-average 
A heat transfer surface area Nusselt number for flow in a channel 
b plenum width with two opposite ribbed walls 
CR contraction ratio between plenum and BP pressure drop across the test section 

test channel, ab/( WH) P rib pitch 
D channel hydraulic diameter, Pr Prandtl number of air 

2WHI(W-tH) R friction roughness function 
e rib height Re Reynolds number, GLt/g 
e+ roughness Reynolds number, RI-IS right-hand side wail 

(e/~)Re cf/2)“2 St Stanton number, ~ul(Re Pr), for flow 

f friction factor for four-sided ribbed in a channel with four-sided ribbed 
channel walls 

f average friction factor in a channel with St, ribbed side wall centerline-average 
two opposite ribbed walls Stanton number for flow in a channel 

f(FD) fully developed smooth tube friction with two opposite ribbed walls 
factor ; also friction factor for four- St, smooth side wall centerline-average 
sided smooth channel Stanton number for flow in a channel 

& conversion factor with two opposite ribbed walls 
G mass flux, pz?; also heat transfer St(FD) fully developed smooth tube Stanton 

roughness function number 
G average heat transfer roughness si average of the centerline-average 

function Stanton numbers for flow in a 
h heat transfer coefficient channel with two opposite ribbed walls 
H flow channel height Tb bulk mean temperature of air 
K thermal conductivity of air T!V local wall temperature 
1 plenum length P average velocity of air 
L test channel length W Row channel width 
AL channel length for frictional pressure WjH channel aspect ratio, ribs on side W 

drop measurement x axial distance from the heated test 
LHS left-hand side wall channel. 
i?U Nusselt number, hD/K 
Nu(FD) fully developed smooth tube 

Nusselt number Greek symbols 

NU, ribbed side wall centerline-average 01 rib angle-of-attack 
Nusselt number for flow in a channel /i average viscosity of air 
with two opposite ribbed walls P average density of air. 

correlated to account for rib angle, rib spacing, and chamber and a 10.2 cm (4 in.) diameter pipe, equipped 
channel aspect ratio. In each channel, the appropriate with a 3.8 cm (1.5 in.) diameter orifice plate to mea- 
rib angles-of-attack were identified to establish the sure flow rate. A plexiglass plenum was connected 
highest heat transfer coefficient accompanied by the between the pipe and the test channel to ensure that 
highest pressure drop, and to obtain the best heat the air entering the test channel had a sharp con- 
transfer performance for a constant pumping power. traction entrance condition (hydrodynamicaliy devel- 
First, the experimental program is presented and dis- oping). At the end of the test channel, the air was 
cussed. Then the semi-empirical correlations are exhausted into the atmosphere. The Reynolds number 
developed, and the heat transfer perfo~ance com- based on the channel hydraulic diameter (fl) was 
pared. varied between 10 000 and 60 000. 

Additional information on the present investigation 
is in NASA Contractor Report 4015 by Han et al. 

191. 

Both square and rectangular channels were con- 
structed. The square channel had a cross-section of 
5.1 x 5.1 cm (2 x 2 in.) ; the rectangular channel I had 
a cross-section of 10.2 x 5.1 cm (4 x 2 in.). The same 
rectangular channel I also served as the rectangular 
channel II by changing the channel height (H) from 
5.1 cm (2 in.) to 2.55 cm (1 in.). The periodic ribs were 
placed on the channel width ( W) side. The dimensions 
of the three test channels and the associated plenums 

EXPERIMENTAL PROGRAM 

Experimental apparatus 
A schematic of the experimental apparatus is shown 

in Fig. 2. A 5 hp blower forced air through a settling 
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FIG. 1. (a) Sketch of an internally-cooled turbine airfoil. (b) Rectangular channel with a pair of opposite 
rib-roughened walls. 

are shown in Fig. 2. The contraction ratio between 
the plenum and the test channel was 9 in both the 
square and rectangular channel I and 18 in the rec- 

tangular channel II. These inlet conditions were arbi- 
trarily selected to simulate turbine cooling channels. 
Note that the actual turbine cooling channels may 
have a wide range of inlet configurations, which 
depend on the specific design. Note also that the typi- 
cal L/D ratios for turbine blades are about 10-15. 

The rectangular channel I (W/H = 2) consisted of 
four wood-plexiglass plates, each with a thickness of 
1.92 cm (0.75 in.), as shown in Fig. 3(a). Each plate 

was covered separately by the 0.0025 cm (0.001 in.) 
thick, stainless steel foil, which was cemented to the 
inner surface of each plate and controlled individually 
by a variac transformer, to provide a controllable 
electrical heating to the test channel. A single strip foil 
with a width of 4.76 cm (1.875 in.) was used on the 
channel height (H) side. Three parallel strip foils each 
with a width of 3.17 cm (1.25 in.), connected in series 
from one end to the other by the buss bar, were used 
on the channel width (W) side, as shown in Fig. 3(a). 
The gap between every two foils was about 0.159 cm 
(0.0625 in.). 

Air 

Plenum 

It--Q-----l 
Unit: cm 

W H W/H D L b a CR Q 

Square Channel 5.1 5.1 1 5.1 127.5 15.3 15.3 9 15D 

Rectangular Channel I 10.2 5.1 2 6.6 127.5 30.6 15.3 9 15D 

Rectngular Channel II 10.2 2.55 4 4.06 127.4 30.6 15.3 16 25D 

FIG. 2. Dimensions of the test channels and the associated plenums. 
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064cm Thick 
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126 cm Thick 
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w 
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Rectanaular Channel I 20 450.30” 30 

64 
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Rectangular Channel II 20 45” ,300 G 

&!I _” 

(b) Unit cm 

FIG. 3. (a) Cross-section of foil heated test channel. (b) Rib 
geometries in each test channel. 

The rectangular channel II (W/H = 4) had the strip 
foil on the channel height (H) of width 2.22 cm (0.875 
in.). The square channel (W/H = 1) was constructed 
in the same way as that of the rectangular channel I, 
except that a single strip foil with a width of 4.76 cm 
(1.875 in.) was used separately for each side wall of 
the channel. 

For the cases of ribbed channel tests, the brass ribs 
of a square cross-section were glued onto the top and 
bottom plates of the foil-heated channels so that the 
rib turbulators on opposite walls were all parallel with 
a required periodic distribution. The rib geometries 

for each test channel are shown in Fig. 3(b). 
The detail of thermocouple locations for each test 

channel are shown in Fig. 4. The square channel had 
180, 36 gauge, copper-constantan thermocouples in 
strategic locations to measure the local surface tem- 
perature. Ninety of these thermocouples were placed 
on the bottom ribbed wall (channel width side) ; the 
other 90 on the right-hand side smooth wall (channel 
height side). Sixty of each 90 thermocouples were 
placed along the centerline of the ribbed and the 
smooth walls. The remaining 30 were well distributed 
on the middleline and the edgeline of each wall, as 
shown in Fig. 4. The thermocouple locations were 
fixed although the rib angle c( was varied from 90” to 
30”. The thermocouple locations for the rectangular 
channel I were similar to those of the square channel. 
To check the symmetry of thermocouple readings on 
the opposite smooth wall, two thermocouples were 
placed on the left-hand side smooth wall (LHS), at 
the downstream region of the rectangular channel I. 

The same ribbed wall of the rectangular channel I was 
used for the rectangular channel II. But on the right- 
hand side smooth wall (RHS) of the rectangular chan- 
nel II, the thermocouples were placed only along the 
centerline of the test plate. Note that at the same rib 
angle c(, the rib orientation in the square channel is 
opposite to that in rectangular channels I and II, as 
shown in Fig. 4. Each test channel was well insulated 
with fiberglass. A Fluke 2280 A Data Logger and a 
TI PC were used for temperature readings and re- 
cordings. 

Six pressure taps along the centerline of the top 
ribbed wall and six along the centerline of the LHS 
smooth wall were used for static pressure drop 
measurements. Pressure tap locations for each test 
channel are given in ref. [9]. A pressure tap was also 
installed in the plenum to check the static pressure of 
air entering the test channel. A Dywer Microtector 
with an accuracy up to 0.025 mm (0.001 in.) of water 
was used for pressure drop measurements in the test 
channel. 

Data reduction 
The local heat transfer coefficient was calculated 

from the local net heat transfer rate per unit surface 
area from the wall to the cooling air, the local wall 
temperature, and the local bulk mean air temperature 
as 

h = (4-4,0s,)/[A (T, - TLJI. (1) 
Equation (1) was used for the ribbed side wall and the 
smooth side wall heat transfer coefficient calculations. 
The local net heat transfer rate was the electrical 
power generated from the foil (q), minus the heat loss 
to the outside of the test channel (q,,,,,). The electrical 
power generated from the foil was determined from 
the measured foil resistance and the current through 
the foil on each plate. The electrical power was also 
checked with the measured voltage drop across the 
foil on each plate. In order to place the results on a 
common basis, the heat transfer area used in equation 
(1) was always that of a smooth foil on each wall. It 
was found that the foil provided a nearly uniform heat 
flux on each wall of the test channel. The maximum 
heat loss from the ribbed side wall and from the 
smooth side wall was estimated to be less than 3 and 
5%, respectively, for Reynolds numbers greater than 
10 000. The net heat flux level was varied from about 
950 to 2500 W mm2 (300-800 Btu h-’ ft-*) depending 
on the test conditions. 

The local wall temperature used in equation (1) was 
read from the output of the thermocouples. The bulk 
mean air temperatures entering and leaving the test 
channel were measured by thermocouples. The local 
bulk mean air temperature used in equation (I) was 
calculated, assuming a linear air temperature rise 
along the flow channel. It was checked that the local 
net heat transfer from the test channel to the cooling 
air agreed well with the cooling air enthalpy rise along 
the test channel. The difference between the two 
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Ribs 3.73 ~ 8.51 9.35 25 

Air 

(a) Square Channek90T.Con Bottom Ribbed Wall 
90 T.C. on RHS Smooth Wall 

(b) Rectangular Channel I: 90 T.C. on Bottom Ribbed Wall 

90 T.C. on RHS Smooth Wall 

Ribs 14.30 17.59 31i25 

I n , 

(c) Rectangular Channel II: 90 T.C. on Bottom Ribbed Wall 
60 T.C. on RHS Smooth Wall 

FIG. 4. Detailed thermocouple locations in each test channel. 

measurements was estimated to be less than 5% for 
Reynolds numbers greater than 10 000. The inlet bulk 
mean air temperature was about 24 to 29°C (75 to 
85°F) depending on the test conditions. 

The local Nusselt number was normalized using the 
Nusselt number for fully developed turbulent flow in 
smooth circular tubes correlated by McAdams as 

Nu/Nu(FD) = (/zD/~)/[O.O~~R~~.~ Pro “1. (2) 

The maximum uncertainty in the Nusselt number was 
estimated to be less than 8% for Reynolds numbers 
larger than 10000 by using the uncertainties esti- 
mation method of Kline and McClintock [lo]. 

The pressure drop across the test channel was mea- 
sured by a microtector. In fully developed channel 
flow, the average friction factor was calculated from 
the average pressure drop across the flow channel and 
the mass flow rate of the air as 

The average friction factor of the present investigation 
was based on adiabatic conditions (tests without heat- 
ing). The maximum uncertainty in the average friction 
factor was estimated to be less than 9% for Reynolds 
numbers greater than 10 000. 

The average friction factor of the present inves- 
tigation was normalized by the friction factor for fully 
developed turbulent flow in smooth circular tubes 
(lo4 < Re < 106) proposed by Blasius as 

.ff(FD) =fl[O.O46Re-“1. (4) 

EXPERIMENTAL RESULTS 

Experimental results for smooth channels 
Typical results for the four-sided smooth channels 

are shown in Fig. 5. In general, the local Nusselt num- 

ber ratios along the bottom wall (channel width side) 
and the RHS wall of the test channels exhibit the same 
trend, except that the local Nusselt number ratios 
along the RHS wall (channel height side) are slightly 
higher than those along the bottom wall for rec- 
tangular channels I and II. It can be seen that flow 

separation occurs right after the entrance because of 
sharp contraction, and then flow reattachment is 
attained at about 0.5D from the entrance, producing 
a high heat transfer coefficient. At X/D = S-10, for 
the square channel the Nusselt numbers are about 5- 
10% higher than McAdams’ fully developed turbulent 
tube flow results ; for the rectangular channels the 
Nusselt numbers are about 5-15% higher than the 
fully developed values. 

The experimental results from Boelter et al. [11] 
and Sparrow and Cur [12] are included in Fig. 5 for 

comparison. In ref. 1111, the results were obtained for 
flow in a circular tube with a sharp entrance and 
heated by condensing steam. In ref. [ 121, the data were 
based on the local measurements for flow in a high- 
aspect-ratio rectangular channel (W/H = 18) with a 
sharp entrance by using the naphthalene sublimation 
technique. In the developing region with 1 < X/D -L 8, 
the present data agree qualitatively with those of refs. 
[1 1, 121. In the region with X/D > 8, the present data 
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FIG. 5. The local Nusselt number ratio vs X/O in the smooth rectangular channels. 
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agree fairly well with those of refs. [ 1 I, 121. It is inter- 
esting to note that both the present study and ref. 1121 
show that the flow reattachment is attained at about 
0.5D from the entrance. These smooth channel results 
prove that the test sections are reliable to reproduce 
data for the cases when the periodic ribs are applied. 

Experimental results for rib roa~he~ed channels 
The brass ribs of a square cross-section were glued 

periodically in-line (parallel) onto the top and bottom 
walls of the test channels in patterns to achieve the 
desired spacing and angle-of-attack. In each channel, 
a total of eight rib geometries (two rib spacings, 
P,le = 10 and 20 ; each rib spacing having four differ- 
ent rib angles-of-attack, M = 90”, 60”. 45”, and 30’) 
were tested respectiveiy for three Reynolds numbers, 
Re = 10000, 30000, and 60 000, as indicated in Fig. 
3(b). The detailed raw data for all of the 72 test runs 
are given in the NASA contractor report 401.5 by Han 
et al. [9]. Only the most representative results are 
presented here. 

Local heat transfer coeficient : streamwise distribution 
The local heat transfer results are presented as the 

axial (streamwise) distribution of a normalized Nus- 
selt number ratio, Nu/Nu(FD), as given in equation 
(2). The local Nusselt number ratios along the cen- 
terlines of the ribbed side and the smooth side walls 
are presented. These centerline Nusselt number ratios 
are not evenly distributed. In regions where X/O = @- 
4 and 8-10 for the square and rectangular channel I, 
and X/D = f&6 and 14-16 for the rectangular channel 
II, the local Nusselt number was determined at up to 
five stations for every rib pitch along the axial line for 
the case of P/e = 10 (or ten stations for the case of 

P/e = 20). In regions where X/O = 4-8 or 6-14, 
respectively, the Iocal Nusselt number was determined 
at only one station for every rib pitch. 

Typical results showing the combined effects of the 
rib angle-of-attack and the channel aspect ratio on 
the centerline heat transfer coefficients are plotted in 
Figs. 6-8 for the case of P/e = 10 and Re = 30000 (a 
total of 12 runs). The test results for Pje = 20 and 
other Reynolds numbers (a total of 60 runs) are given 
in ref. [9]. In general, the local heat transfer dis- 
tributions on the ribbed side wall are non-similar with 
respect to different rib angles-of-attack. In the square 
channel (W/H = l), the centerline Nusselt number 
ratio for a = 90” maintains about the same periodic 
distribution after X/D > 3. The periodic distribution 
of the local Nusselt number ratio is due to flow sep- 
aration from ribs and flow reattachment between ribs. 
It can be seen that the periodic Nusselt number ratios 
for tl = 60”, 45”, and 30” increase after X/D > 3. This 
implies that, in the square channel, the centerline Nus- 
selt number ratios after X/D > 3 for CL = 60”, 45”, and 
30” are higher than those for E = 90”, as shown in Fig. 
6. The centerline Nusselt number ratios after X/O > 3, 
however, remain at almost the same periodic dis- 
tribution in the rectangular channel I for all rib angles 
except tl = 60”, and in the rectangular channel II for 
all rib angles, as shown in Figs. 7 and 8. 

From the above discussions, one may conclude that 
the entrance region is quite short (X/D = 2-3) in 
ribbed channels, and the heat transfer coefficient vari- 
ations track the rib profile. Note that these variations 
are smoother in real turbine blades because of heat 
conduction in the rather massive blade wall. However, 
these variations reflect the actual convection bound- 
ary in rib-roughened cooling channels. 
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A Bottom Ribbed Wail e/D=0.047 

A Bottom Ribbed Wall e/D= 0.047 A Bottom Ribbed Wall e/D=O.D47 
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FIG. 6. The effect of rib angle on the centerline heat transfer dist~bution in the square channel (W/H = 1). 

b&Wall e/D=O.O47 
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0 2 4 6 8 10 
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FIG. 7. The effect of rib angle on the centerline heat transfer distribution in rectangular channel I (W/H = 2). 

Local heat transfer coefficient : spaawise distribution 
The suspected secondary flow induced by the angled 

ribs in each of the test channels is shown in Fig. 9(a). 
The streamwise-averaged Nusselt number ratio vs the 
spanwise (1ateral)location at X/D = 8.5-9.4and 14.3- 
15.6 is shown in Fig. 9(b) in each of the test channels 
for P/e = 10 and Re = 30000. The streamwise-aver- 
aged Nusselt number ratio is the average of the per- 
iodic Nusselt number ratios along the centerline, the 
middleline, and the edgeline, respectively, in each 
of the test channels at the downstream region 
(X/D = 8.5-9.4 in the square channel and rectangular 
channel I, X/D = 14.3-I 5.6 in rectangular channel II). 

In the square channel (W/H = 1) for c( = 90”, the 
streamwise-averaged Nusselt number ratio on the 
ribbed side wall is fairly uniform in the lateral position 
as shown in Fig. 9(b). For CC = 60”, 45”, or 30” the 
streamwise-averaged Nusseit number ratio on the 
ribbed side wall varies in the lateral direction, in that 
the Nusselt number ratio along the edgeline (right- 
hand side) is 3&50% higher than that along the 
centerline. This may be because the secondary flow 
(or swirling flow) induced by the rib axes moves from 
the right-hand side to the left-hand side as depicted in 
Fig. 9(a). Therefore, the Nusselt number ratio on the 
right-hand side (leading edge side) is higher than that 
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FIG. 8. The effect of rib angle on the centerline heat transfer distribution in rectangular channel II 
(W/H = 4). 
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FIG. 9. (a) Effect of rib angle on secondary flow. (b) Effect 
of rib angle on lateral Nusselt number ratio at P/e = 10, 

Re = 30 000. 

in the centerline and subsequently should be higher To develop the heat transfer and friction cor- 

than that on the left-hand side (trailing edge side data relations and to compare the heat transfer per- 

were not taken). Because of this secondary flow effect, formance in each channel, the average heat transfer 

the centerline Nusselt number ratios on both the coefficient and friction factor are required. Based on 

ribbed side wall and the smooth side wall with angled the local heat transfer and the local pressure distri- 

ribs are higher than that with transverse ribs (a = 90”). bution, it was found that for a = 90”, the local Nusselt 

Similar results are obtained for other Reynolds 
numbers [9]. 

In rectangular channel I ( WJH = 2) shown in Fig. 
9(b), for tl = 90”, the streamwise-averaged Nusselt 
number ratio behaves similarly to that in the square 
channel as discussed above. For u = 60”, 45”, or 30”, 
the ribs are oriented so that the secondary flow (or 
swirling flow) moves along the rib axes from the left- 
hand side to the right-hand side. Therefore, the Nus- 
selt number ratio on the left-hand side (leading edge 
side data were not taken) should be higher than that 
in the centerline and subsequently is higher than that 
on the right-hand side (trailing edge side). Similar 
results are obtained for rectangular channel II 
(W/H = 4) as shown in Fig. 9(b). It can be seen that in 
rectangular channel II, the centerline Nusselt number 
ratios on both the ribbed side and the smooth side 

walls for angled ribs are lower than that for a = 90”. 
This may be because the secondary Rows induced 
by angled ribs on both the top and bottom walls of 
rectangular channel 11 cancel each other as depicted 
in Fig. 9(a). 

From the above discussions, one may conclude that 
the rib angle (therefore, the associated secondary flow) 
has a significant effect on the lateral Nusselt number 
distribution for the square channel. This effect is 
gradually reduced for the rectangular channels with 
higher aspect ratios. 

Centerline average heat transjk and.friction data 
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FIG. 10. Heat transfer and friction vs G( for square channel. 

number became a periodically developed distribution 
and the friction factor became a constant value after 
X/D > 3. Therefore, the heat transfer and pressure 
drop data in the region with X/D > 3 in each channel 
were used to provide the average Nusselt number 
and the average friction factor. The local pressure 
distributions in test channels are documented in ref. 
[9]. The present study, the ribbed-side-wall average 
Nusselt (or Stanton) number and the smooth-side- 
wall average Nusselt (or Stanton) number were based 
on the average value of the centerline Nusselt (or 
Stanton) number between X/D = 2.9-3.7 and 8.5-9.4 
for both the square channel and rectangular channel 
I, and between X/D = 4.8-6.2 and 14.2-15.6 for rec- 
tangular channel II. These centerline-average Nusselt 
(or Stanton) numbers were used for heat transfer per- 
formance comparison and for correlations discussed 
in later sections. The ribbed-side-wall centerline-aver- 
age Nusselt number (Nu,), the smooth-side-wall cen- 
terline-average Nusselt number (Nu,), and the average 
friction factor u) for all of the 72 test runs are tabu- 
lated in ref. [9]. Only the most representative results 
are discussed here. 

Typical results to illustrate the combined effects of 
the channel aspect ratio and the rib angle on the 
average heat transfer ratio and on the average friction 
factor ratio are shown in Figs. 10-12. In the square 
channel, both the ribbed-side-wall and the smooth- 
side-wall, centerline-average Nusselt numbers (Nu, 
and Nu,) and the average friction factors (7) increase 
with decreasing CI and reach a maximum value at 
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11. Heat transfer and friction vs GI for rectangular 
channel I (W/H = 2). 

tl = 60”, then decrease with further decreasing CC. The 
results shown in Fig. 10 generally agree with previous 
data in ref. [8]. In rectangular channel I, both the 
ribbed-side-wall centerline-average Nusselt number 
ratios, and the average friction factor ratios increase 
slightly with decreasing c( and reach a peak value at 
GI = 60”, then decrease with further decreasing a. In 
the rectangular channel II, however, both the cen- 
terline-average Nusselt numbers and the average fric- 
tion factors decrease monotonically with decreasing 
c(. 

Heat transfer performance comparison 
One of the performance evaluation criteria was to 

compare the increased heat transfer, [St,/% (FD)]/ 

h?!!FWI”‘~ or [z/St (FD)]/[,flJ(FD)]‘/3, for the 

same surface area and pumping power as presented 
in ref. [8]. The typical results of the effect of rib angle 
on the increased heat transfer in each channel is 
shown in Fig. 13 for e + = 200. The results show 
that the highest heat transfer for a constant pumping 
power occurs at u = 30” for the square channel and 
at c1 = 45” for rectangular channels I and II. Specifi- 
cally, in the square channel the increased heat transfer 
for a constant pumping power at CI = 30” is about 
30% higher than at u = 90”; in rectangular channels I 
and II, the increased heat transfer at LX = 4.5” is only 
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FIG. 12. Heat transfer and friction vs a for rectangular 
channel II (W/H = 4). 

about 5% higher than at c( = 90”. One can conclude 
that, in general, the square channel (W/H = 1) pro- 
vides a better heat transfer performance than the rec- 
tangular channels (W/H = 2, 4). In the square chan- 
nel, the heat transfer performance increases with 
decreasing rib angle for a constant pumping power; 
in the rectangular channels, the dependence of the heat 
transfer performance on the rib angle is dramatically 
reduced. Similar results are obtained for other values 
of e+ 191. 

Heat transfer andfriction correlations 
For the results of the rectangular channels with 

turbulence promoters to be most useful for designers, 
general correlations are required for both the heat 
transfer and, friction over a wide range of parameters, 
e/D, P/e, CC, W/H and Re. 

Based on the law of the wall similarity analysis 
developed in ref. [7] for fully developed turbulent flow 
in rectangular channels with four-sided ribbed walls, 
the friction factor, the channel aspect ratio, and the 
rib height-to-hydraulic diameter ratio should be cor- 
related into a so-called friction roughness function 
(R) for the geometrically similar roughness as 

R = (2/‘)“*+2Sln{(2e/D)[2W/(H+ W)]}+2.5. (5) 

o SquareChannel. e/o= 0.047 
A Rectangular Channel I, e/D = 0.047 
o Rectangular Channel II, e/0=0.076 
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FIG. 13. Increased heat transfer for a constant pumping 
power vs a in each channel at e+ = 200, P/e = 10. 

To apply equation (5) for fully developed turbulent 
flow in rectangular channels with a pair of opposite 
ribbed walls of the present study (i.e. X/D > 3), the 
friction factor (j) is replaced by the average friction 
factor (x weighted by area), as discussed in ref. [7], 

by 

f=f+(WW (f-f(FD)). (6) 

By substituting equation (6) into equation (S), the 
friction roughness function of the present study (for 
XJD > 3) can be written as 

R = (2/Lf+ (Hi W U-fVW11 “* 

+2.5ln{(2e/D)[2W/(W+H)]}+2.5 (7) 

wherej(FD), the friction factor in smooth rectangular 
channels, can be approximately calculated from the 
Blasius equation for smooth circular tubes as 

,f(FD) = 0.046Rem0.2. (8) 

It was found in ref. [7] that the friction factor in 
smooth circular tubes differed by no more than 4% 
from smooth square channels and even less from 
smooth rectangular channels. 

Correlation of the present friction data (all of the 
72 test runs) is shown in Fig. 14. The data for the non- 
geometrically similar roughness are displaced because 
of their different values of LX, and P/e. The dependence 
of R on CX, P/e, and W/H for the fully rough region 
(i.e. e+ 2 50 in the present investigation) shown in 
Fig. 14 is 
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FIG. 14. Final friction factor correlation. 

R/[(P/e/lO)“.” (W/H)“] = 12.31 

where 

-27.07 (W./SO”)+ 17.86 (cz/90”)’ (9) 

m = 0, for GI = 90 

m = 0.35, for tl < 90”, if W/H > 2, let W/H = 2. 

The deviation of equation (9) is + 6% for 95% of the 
data shown in Fig. 14. Note that R in equation (9) 
is independent of e+ (roughness Reynolds number, 
e+ = (e/D) ReJCfj2)). This implies that the average 
friction factor of the present investigation is almost 
independent of Reynolds number, i.e. in the fully 
rough region with e+ > 50. After R is correlated 
experimentally from equation (9), the average friction 
factor (f) can be predicted by combining equations 
(7t(9) for a given e/D, P/e, cc, W/H, and Re. 

Similarly, in rectangular channels with four-sided 
ribbed walls, the friction factor, the friction roughness 
function, and the Stanton number can be correlated 
into a so-called heat transfer roughness function (G) 
for the geometrically similar roughness as 

G = R-t If/(2St)- lJ/(f/2)“*. (10) 

To apply equation (10) for rectangular channels with 
two opposite ribbed walls of the present study (for 
X/D > 3) the friction factor (f) is replaced by equa- 
tion (6), and the Stanton number (St) replaced by the 
centerline-average Stanton number on the ribbed side 
wall (St,). It is assumed that the ribbed side wall 
centerline-average Stanton number (X/D > 3) may be 
a constant value either for flow in channels with a pair 
of opposite ribbed walls, or for flow in channels with 
four-sided ribbed walls (i.e. assume St N St, after 
X/D > 3). The heat transfer roughness function G of 
the present study can then be determined by 

6 I 
6 

G=224(W/H)” (o/90”)m(p/e/10)“(e+)o~ 

For Square Channel: 
m=0.35 

n = 0.1 

2- 

For Rectangular Channels I and II: 
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II, I.,, 
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e+ = (e/D)Re (f/Z;/2 

FIG. 15. Final heat transfer correlation. 

G = R+ K?+ W/w> (f-f(FD)WWJ - I)/ 
{[~+(H/W)(~-~(FD))1/2J"*. (11) 

Correlation of the present heat transfer data (all of 
the 72 test runs) is shown in Fig. 15. Very modest 
dependence of G on P/e and W/H is observed. For 
a Prandtl number of 0.7 of the present study, the 

dependence of G on ~1, P/e, W/H, and e+ for the fully 
rough region (i.e. e+ 2 50 in the present investigation) 
can be represented by 

G = 2.24 (W/H)‘.’ (e+)“~“(a/90”)” (P/e/10)” (12) 

for a square channel 

m = 0.35 

n = 0.1 

for rectangular channels I and II 

m=O 

n = 0. 

The deviation of equation (12) is + 8% for 95% 
of the data shown in Fig. 15. After G is correlated 
experimentally from equation (12) the ribbed side 
wall centerline-average Stanton number (St,) can be 
predicted by combining equations (7~(9), (I l), and 
(12) for a given e/D, P/e, u, W/H, and Re. 

The average of the centerline-average Stanton num- 
bers between the smooth side and the ribbed side 
walls, St, was calculated from the measured smooth 
side wall centerline-average Stanton number’(&) and 
the ribbed side wall centerline-average Stanton num- 
ber (St,). Assuming that equation (11) can be used to 
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correlate the average of the centerline-average Stanton 
numbers by replacing G and St, by G and s? the G 
shown in Fig. 15 can be expressed by 

G = 1.2G. (13) 

The deviation of G is + 10%. If G, G, R, and fare 
known for a given e/D, P/e, a, W/H, and Re, the 
ribbed side wall centerline-average Stanton number 
(St,) and the average of the centerline-average Stanton 
numbers (St) can be predicted, respectively, from 
equation (11) and from the same equation (11) by 
replacing G and St, by G and St. After predicting 
St, and s from correlations, the smooth side 
wall centerline-average Stanton number (St,) can be 
calculated by 

St, = st+(W/H)(St-St,). (14) 

CONCLUDING REMARKS 

The combined effects of the rib angIe-of-attack and 
the channel aspect ratio on the distributions of the 
local heat transfer coefficient in short rectangular 
channels with two opposite rib-roughened walls have 
been investigated. The following conclusions are 
drawn. 

(1) In the square channel, for a = go”, the periodic 
Nusselt number decreases in the streamwise direction 
from the sharp entrance and then reaches a constant 
periodic distribution after X/D > 3 ; for c1 = 60”, 45”, 
or 30”, the periodic Nusselt number decreases in the 
streamwise direction but increases again after 
X]D > 3 because of the secondary flow induced by 
the rib angle. The periodic Nusselt number remains 
about the same distribution after X/D > 3 in the rec- 
tangular channels with W/H = 2 (except a = 60”) and 
with W/H = 4 for all rib angles. 

(2) In each of the test channels, for CI = 60”, 45”, 
or 30”, the Nusselt number decreases monotonically 
along the rib axes (lateral) direction because of the 
secondary flow induced by the rib angle. The rib angle 
effect is significant after X/D > 3 in the square 
channel, but the effect is gradually reduced in the 
rectanguIar channels with higher aspect ratios. 

(3) The highest heat transfer and the accom~nying 
highest pressure drop can be obtained at 01 = 60’ in 
the square channel ; the highest heat transfer and the 
highest pressure drop occur at CI = 90” in the rec- 
tangular channel with a channel aspect ratio of 4 
(W/H = 4). The heat transfer and pressure drop at 
u = 60” are only slightly higher than at o( = 90” in the 
rectangular channel with a channel aspect ratio of 2 
(W/H = 2). 

(4) The results obtained in the square channel of 
the present investigation confirm observations in the 
previous study [S]. The best heat transfer performance 
in the square channel with angled ribs (a = 30”-45”) 
is about 30% higher than with the transverse ribs 

heat transfer performance in the rectangular channels 
(with W/H = 2 and 4) at tl = 30”-45” is only about 
5% higher than at o! = 90” for a constant pumping 
power basis. 

(5) The heat transfer and friction correlations are 
developed to account for rib spacing, rib angle, chan- 
nel aspect ratio, rib height, and Reynolds number. 
The correlations are valid for e+ > 50, 30” < u < 
90;‘, 0.021 < e/D < 0.078, 10 < P/e _i 20, 1 < W/H 
< 4, and 8000 < Rc d 80000. The correlations can 
be used in the design of turbine airfoil cooling 
passages. 
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DEVELOPPEMENT DU TRANSFERT THERMIQUE DANS DES CANAUX 
RECTANGULAIRES AVEC TURBULATEURS COTELES 

R&um&Les effets combines de l’angle d’attaque et du rapport de forme du canal sur les distributions du 
coefficient de transfert thermique local, sont determines pour un tcoulement evolutif dans des canaux 
rectangulaires courts (L/O = 10 et 15) avec une paire de parois opposees avec rugositt produite par des 
totes, et pour des nombres de Reynolds entre 10 000 et 60 000. L’angle d’attaque des totes prend Its valeurs 
90”, 60”, 45” et 30”, tandis que le rapport largeur sur hauteur est &gal a 1, 2 et 4. Des formules semi- 
empiriques de transfert thermique et de perte de charge sont obtenues pour tenir compte de l’angle de la 
tote, de l’espacement de de la hauteur des totes, du rapport de forme du canal, du nombre de Reynolds. 
Les resultats peuvent &tre utifises dans la conception des canaux de refroidissement des a&es de turbine. 

WARMEtiBERTRAGUNG IM EINLAUFGEBIET RECHTECKIGER KANALE MIT 
RIPPENARTIGEN VERWIRBELUNGSEINBAUTEN 

Z~ammenfa~ng-Die kombinierten Einfliisse von Rip~nanstellwinkel und Seitenverh~ltnis des Kanals 
auf die Verteihmg des iirtlichen Warmeiibergangs-Koeffizienten im Einlauf kurzer rechteckiger Kanale 
(L/O = 10 und 15) mit einem Paar gegeniiberliegender berippter Wande wurden fur Reynolds-Zahlen von 
10000 bis 60000 untersucht. Der Rippenanstellwinkel wurde von 90” iiber 60”, 45” bis 30” variiert, 
das Verhaltnis von Breite zu Hijhe des Kanals von 1 iiber 2 bis 4. Halbempirische Korrelationen fur 
Warmeibergang tmd Widerstand wurden in Abhhngigkeit von Rippenanstellwinkel, Rippenabstand, 
Seitenverhaltnis, Rippenhiihe und Reynolds-Zahl ermittelt. Die Ergebnisse konnen bei der Konstruktion 

von K~hlkan~len in Turbinen~baufeln benutzt werden. 

HEYCTAHOBMBIIIM~CJl TEILJIOIIEPEHOC B I-lPIIMOYFOJIbHbIX KAHAJIAX C 
PEGPMCTOfi TYPEYJIM3kiPYIGIIIE~ I-IOTOK IIIEPOXOBATGCTbIG 

Amrofemuf--B ~~ana3oHe 3Baremik Bricna PeBBonbnca 10~~ ~~~e~o~uo coBMecTBoe 
Brui~mie yrna araru pe6pa B 0rriomeiiBB cropori Ha pacn~AeneH~~ noicanbnoro rc03+$uimieB~a Ten- 
noo6Mexa npe HeycTaHoBWBLueMCR TeYeHHB B KOPOTKUX npRMoyronbHbrX Kawanax (L/I) = 10 B 15), ABe 

npOTBBOnOAOmHbleCTeHKs KOTOPbIX IIMWIW UIepOXOBaTOCTb B BBAe pe6ep. YUtbI BTBKU pe6ep 83MeHII- 
,IHCb OT 90” J,O M)", 45” u 30”,a OTHOUleHHe lUHp&iHbI K BbICOTe KaHtlJE, H3MWIllJIOCbCOOTB~TCTBeHHO OT 
1 A0 2 A 4. ~OJQ'WHbI IIOJlj'3MtXHpHWCKHf2 3aBBCHMOCTW JlJlB TeWIOO6MeHa U Tp‘ZHHn, j'WTbII%llOLUHe 

yron HaBnOHa w B~ECOTY pe6pa, paccToRHBe Memny pe6paMB, OTHomeHWe CTO~OH KaHana A Yucno P&- 

HOnbACa.Pe3y~bTaT~MOryTUC~Onb3OBaT~K~K paC~eTOBOXAa~Aalo~~XKaH~OBAOnaTOK Typ6HH. 


